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THE COUPLED PROBLEM OF THE OPERATING TEMPERATURES AND
FLASTOHYDRODYNAMIC LUBRICATION (EHL) OF ROLLING
CONTACT BEARINGS

V. A, Schwarz

Department of Méechanical Engineering
Escola Federal de Engenharia de Itajubd, MG

B. R. Reason

School of Mechanical Engineering
Cranfield Institut of Technology
Cranfield, Bedford — England

ABSTRACT

A theoretical and experimental investigation on temperature distri-
bution (steady state) and heat generation in bath lubricated radial
roller bearings has been carried out. A brief description of the
test rig, bearings and lubricants employed is given. A technique is
presented for the theoretical prediction of the bearing heat
generation, temperature djistribution (including roller temperature)
and oil film thicknesses in the elasto-+hydrodynamic contacts between
the most heavily loaded roller and the raceways. Some typical re-
sults are presented; a good correlation being obtained between the
theoretical and experimental data.

NOMENCLATURE
A Surface area (m?)
2 Dynamic load rating (N)
Cj Combined variable coefficients in egs. (20-26); i=1,2,3,...
01'° Constants in eq. (13)
D Bearing pitch diameter (m)
Dy Roller diameter (m)
E' Reduced elastic modulus (N/m?)
5 Bpee, (peves. 5

E' B B



t1,2

Yj,o,r
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Roller and raceways (tracks) materials elastic moduli (N/m?)
Radial load applied to the bearing (N)

Friction torque coefficients

EHL oil film thickness (m)

EHL oil film thickness at the roller/inner, outer raceway
contact (m)

Thermal contact conductance (W/m?K)

Heat generation per unit time (W)

Thermal conductivity (W/m ©C)

Constants in eq. (14)

Effective length of a bearing roller (m)

Total bearing friction torque (N-m)

Viscous friction torque (N+m)

Load dependent torque (N+'m)

Shaft speed (rpm)

Heat transfer rate (W)

Heat transfer rate from nede i te j (i,j =1,2,...) in egs. (20
-26) (W)

Eguivalent radius (m)

( 1) 1 , cosa
T . el
R'/i,o Rr Rj,o

Inner, outer raceway radius (m)

Roller radius Ry = Dy/2 (m)

Ratio between the roller and the. pitch diameter of the
bearing s = Dy/Dp

0il temperature (°C)

Temperatures of the surfaces 1 and 2, in eq. (1); temperatures
of nodes 1 and 2, in egs. (20 and 23) (°C)

Temperatures of the inner, outer raceway (°C)

Temperatures of nodes i and j in egs.(20-26) i,3=1,2,3,... (°c)
Raceway (track) temperature (°C)

Roller temperature (°C)

Combined surface velocity (m/s)

1
u = i ('L'I.i’o + ur)

Surface velocities of the inner or outer raceway, and roller
(m/s)
Load per unit length (N/m)
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Z Number of rollers (N/m)

Z2q Number of rollers that support the load

a Contact angle of a taper rcller bearing

B Pressure viscosity coefficient (m*/N)

v Kinematic viscosity of the lubricant (mm?/s)

N, Dynamic viscosity of the lubricant at the entry EHL contact
(N-s/m?)

INTRODUCTION

The accurate calculation or measurement of the operating
temperatures of a rolling contact bearing and its lubricant is
essential for the prediction not only of the bearing and lubricant
service life, but also of any mechanical failure that could arise
from differential thermal expansions among the bearing components
(rings and rolling elements), shaft and housing.

It is well known, from many references, such as [1,2] that
the bearing wear and service life is highly dependent on the
elastohydrodynamic lubrication (EHL) oil film thicknesses "h"
established between the most heavily loaded roller (or ball) and the
raceways.

These o0il film thicknesses are direct functions of the
lubricant viscosity "v" and by implication of the operating
temperatures, as v varies dramatically with temperature. On the
other hand, as will be shown in this paper, the operating
temperatures of the bearing rolling elements and raceways are
dependent on h. Furthermore, the operating temperatures are
obviously dependent on the bearing heat generation (which is a
direct function of the lubricant viscosity) and the heat dissipation
capibilities of the assembly.

Therefore, this interdependence among the above factors gives
rise to a extremely complex problem. A literature survey shows that
previous attempts for the solution of the theoretical problem gave
unsatisfactory results. Schwartz (3] calculated temperature that
were considerably higher than his experimental values. On the other
hand, his calculated bearing heat generation- was lower than that
found experimentally by him. These two lack of correlation between
his theoretical and experimental results are in "apparent"
contradiction, as a lower heat generated should imply in lower
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operating temperatures, or vice-versa (this will be discussed in the
"Conclusions”).

The principal reason for the innacurate theoretical results
has been an inadequate estimate of the heat dissipation potential of
the housing, shaft and any cooling effect. Other reasons, equally
important, are the innacurate evaluation of the following factors:

- percentage of heat (relative to the total heat generated by the
bearing) generated in the various sources of friction in the
component parts of the bearing;

- heat imput to the bearing from external sources;

— heat transfer coefficients.

An assessment with solid basis of the above factors can only
be obtained from extensive experimental results, complemented by a
sound theoretical analysis. These are the objectives of this work.

THE TEST RIG AND EXPERIMENTAL RESULTS

A full description of the test rig, instrumentation, and
experimental results is given in [4,5,6)], therefore only a brief
outline will be presented here.

Figure 1 shows the general arrangement and indicates éwo
bearing options on the central section. In a first stage of the
experimental work, two identical taper roller bearing "B" were
mounted back-to-back (as shown above the centre-line) in the central
housing, whilst two identical cylindrical roller bearings "A" were
fitted onto each end of the test-shaft. In a second stage of
experiments, the bearings B were replaced by a single self-aligning
double row spherical roller bearing "C", as shown below the centre-
-line in Figure 1.

The test bearings were as follows:

3
- Bearings "A": RHP MRJ 1 7"
- Bearings "B™: TIMKEN 4595/4536

- Bearings "C"™: SKF 22310 CJ/C3 W33

The bearing housing to the left is a conventional one (bolted
down to the bedplate). On the other hand, both the central and the
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right housings consist of cylindrical sleeves supported on

hydrostatic bearings, such that the friction torques from the
corresponding roller bearings can be simultaneously measured by two
torgue measurement systems. One of these torque systems, which are
composed by load-cells and torque-arms, may be seen in cross-section BB.

“, 40,8 a7, 5.9 50.0 SECTION 'BB'
se.s| | s7.'s L '.2'5 ¥
s.s| [se2] |osa ] |0 (=] [***
41,3
6.7 i B :
1 ar - |
& =
ara | A)l=11L. |
.1 585
S48 = | . e = ’
33,3 === == - ’P
42,4 - st ||
.9 ] L5
».5 i
w7 / 34 '
s AR 224 9| | !
; \Q : <
381 / R Bes At BT T Ee LT g = . e S -
3‘; ﬂ&-’. 3 ¥, .-.é.‘_“ A ary ‘-5" é‘;’ iy & .0 i a‘d“.-"ﬁ;‘-'__.’"‘“.""-— AT NG HI= .'..
- 8

Figure 1. General arrangement of the test module,
the steady state temperatures measured
in three different tests

The radial load applied to the right roller bearing "A" is
measured by two transducers (strain-gauge bridges mounted on the
twin pillars bolted down the bedplate).

For purposes of assessing the spatial temperature distribution
throughout the roller bearings, housings and shaft an array of
Chromel /Constantan thermocouples is used, each couple being located
at a specific nodal point represented by the small black circles in
Figures 1 and 2.

Thermocouples and transducers signals are transmitted to a
"Fluke 2200B" sixty-channel data-logger for capture and signal
conditioning. The accuracy of :0.1°C between 0-1000°C specified by
the makers was confirmed on laboratory calibration.



10 RevBrMec. Rio de Janeiro, V. IX,n® 1 - 1987
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Figure 2. Temperature distribution {°C) bearing SKF 22310 CJ/C3 W33

The inner rings and shaft thermocouple wires (taken out
through the hollow shaft) were connected to a high-quality silver/
/silvergraphite slip ring unit, and from this to the data-logger.

Figure 1 also shows, in each "square" linked to the
corresponding nodal point, the three steady-state temperature values
measured at three different tests. The operating conditions of the
end bearings A were maintained constant during the three tests, as
follows:

- Shaft speed: 1000 rpm ,
- Radial load: 1500 N

’

- Bath lubrication: SAE 30 oil.

However, different bearings, or different axial loading conditions,
were used for the central bearing unit, as indicated in Table 1.
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Table 1. (To be analysed together with Figure 1}

Bearing type(s) and preloading conditions|Temperatures Torque
for the central bearing oc (N=m)
a) Twin taper roller bearings "B"/light a) 0.33
axial preload measured at the
b) Twin taper roller bearings "B"/preload: b) 0.29 rear cylindrical
3KN roller bearing "A"
c) Single self-aligning spherical roller c) 0.35
bearing

The two most important observations from the three different
set of temperature values shown in Figure 1 are:

1) The significant influence of the central bearing temperatures on
those of the left end bearing. Even though the duty conditions of
this left end bearing were kept constant during the three different
tests, its steady-state temperatures were appreciably different for
each of the three tests.

2) The fundamental effect of the heat dissipation potential of each
bearing assembly. The temperature values, measured at corresponding
points of the left bearing A and the central bearing C, were
approximately the same, even though the heat generated by bearing C
was almost twice that of the bearing A.

Therefore, 'the important conclusion (obvious but generally
disregarded in the literature) is that "any attempt to calculate the
operating temperature of a bearing assembly will be successful only
if both its heat dissipation capability and the influence of any
adjacent device can be evaluated with sufficient accuracy".

THEORETICAL ANALYSIS

As already mentioned, the spacial temperature distribution of
a rolling contact bearing assembly can only be calculated as aresult
of a thermal balance between the bearing heat generation (plus any
external heat from seals and adjacent devices) and the heat
dissipation capability of the assembly (including any coolingdevice).

Thus, in the theoretical analysis, all the heat sources and
heat transfer modes, listed below, must be considered simultaneously:
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a) conductive heat transfer from the housing base to the
foundations;

b) heat conduction from the bearing outer ring to the housing;
¢) heat conduction from the bearing inner ring to the shaft;

d) axial heat conduction along the shaft, including heat inputs
from outside the bearing system proper;

e) conductive 'heat transfer at the EHL contacts between the rollers
and the raceways;

f) convective heat transfer from the outer surface of the housing
to the environment;

g) radiation of heat from the housing outer surface to the
surroundings;

h) convective heat transfer from the rotating shaft to the
surrounding fluids;

i) convective heat transfer from the bearing components to the
surrounding fluid (s) inside the housing;

j) heat generated (friction power losses) between pairs of surfaces
in relative motion, i.e.: rolling elements/raceways, rolling
elements/cage, roller ends/ring shoulders, cage/ring (s).
Additionally, the heat generation from viscous churning may be a
major heat source and must be considered.

Basic Equations

Heat transfer equations. The basic heat transfer equations
may be found in [5,6 and 7]. Only those equations and heat transfer
coefficients not commonly given in text books will be discussed here.

Relative to the itens b and ¢, above, it is important to
emphasize that the thermal conductivity of roller bearing steels is
equal to about 30 W/m®C, whilst that of standard shaft and housing
steels is equal to 50 W/m®C, approximately.

In considering the itens a, b, and c, the conduction of heat
between two contiguous bodies, through the common contacting surface,
may be calculated by the equation:

Qg = HAA(L, -t,) (1
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The thermal contact conductance, H_ in equation (1), is an

extremely complex function of the folluwiﬁg factors: combined
surface roughness of the pair of contacting surfaces, roundness of
two fitted cylindrical surfaces (e.g. shaft/bearing inner rings),
waviness and flatness of two flat surfaces in contact, hardness of
the contacting materials, load under which the two surface are
pressed against each other, physico/chemical layers occuring in or
on the interfacial asperities. Based on the theoretical and
experimental results from refs.[8 and 9], and on the experimental
data obtained with the authors test ring (Figure 1), the following
values of H, were adopted in this theoretical analysis:

- H, = 20000 W/m?K for the shrinkfit mounting of the bearing inner

ring on the shaft;
- Hg = 15000-20000 for the outer ring/housing fit, and for the
housing base/bedplate metallic contact;

- Hg = 450 W/m?K for the bedplate/concrete block contacting
sur faces.

Relative to the heat transfer mode especified in item e, it
has been demonstrated by Cheng ref.[10] and other scientists that
conduction across the oil film is the chief heat transfer mechanism
in an EHL contact, convection being negligible, The rate of heat
conduction from a loaded roller to the inner and outer raceways of
the bearing can be calculated by the following eguation:

Q, = K, = (t_~-t,) (2)

The thermal conductivity K, of an SAE 30 oil varies with
temperature approximately as follows:

K, = 0.130 - 0.00007¢ {3)
This equation may also be applied to the other two test oils
(SAE 20W and SAE 50) with negligible errors.
The heat flow area in eq.(2) is given by the product of the
roller effective length &L in the EHL contact zone, the Hertzian flat
width b, and the number 2. of rollers that support the ldad within
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the Stribeck zone, viz:
A = L+b*Z. (4)

The Hertzian band width b, derived from refs.[11 and 12], may
be expressed as:

4.08 F_ R'
______E___) (5)

b = 6.691 x10~°" (
L*Z-cosa

It is known [12,13,14] that the load supported by each roller
within the Stribeck zone varies with the angular position of the
roller, and is proportional to the bearing dimensions and applied
lecad. Furthermore, the number of -rollers that support the load is
also dependent upon the housing configuration and on the thichness
of its walls [14]. However, to obtain an averaging effect for
purposes of heat transfer calculations, it was assumed that the
radial load applied to the bearing is evenly distributed amongst the
Zo loaded rollers and that Z_, =%Z/4. These assumptions and the use
of eq.(5) are recommended only for bearings under pure radial loads
in the range 0.06C<F, <0.12C, where C is the basic dynamic load
rating of the bearing ref.[15]. For bearings under axial or combined
loads see ref.[6].

Regarding to the item f one must keep in mind that the
convective heat dissipation from the housing outer surface is
dependent upon the air flow around the housing; this air flow being,
in many applications, a direct function of the rotational speed,
shape, and proportions of the shaft or machine elements mounted on
the shaft.

The heat transfer by forced convection between the moving
parts of the bearing and the adjacent fluids inside the housing
(item i) represents extremely complex mechanisms. The corresponding
equations, derived from refs.[16 and 17], are given in ref.[6].

EHL oil film thickness equation. By analysing their
experimental data obtained with the traditional disc-machines, Dyson
et al. ref.[18] and Wilson ref.[19] showed that the EHL oil film
thickness "h", calculated by using the Dowson and Higginson's
"lsothermal theory" equation ref.[13] correlate well with those
experimental data (provided h <1 um).
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A literature survey indicates that experimental values of h
in rolling contact bearings are usually less than 0.7 pym, examples
of this being given in refs. [20,21].

Therefore, 1lt. was decided to develop a simplified EHL oil
film thickness equation for roller bearings, following Bolton's
guidelines ref.[2] and based on Cheng's isothermal formula ref.[22],
written as follows:

0.74 -0.11
h ng Bu|™: W'
— = 1.987 | —— e 6
R' 8 [ R ] [EIRI] (6)

For mineral oils, according to references [2] and (23], the
product of the dynamic viscosity "n," and the pressure viscosity
coefficient "RA" may be conveniently expressed solely as a function
of the kinematic viscosity, viz:

ngB = 8.5 x 10712 118 (7
Substituting eq. (7) into eq. (6) yields:

R! . 7-0.11
hy , = 12.763 [—1'2] Dpy 0873 [i] . (8)
’ D R'Ji,oE ﬁ,o

where the subscripts "i,o" refer to parameters calculated for a

roller/inner or outer raceway contact.
From the Notation it can be demonstrated that

Ri'o = [El%:—a] s +Dp (9)

The roller motion in the Stribeck zone of a roller bearing
may be assumed as bheing essentially epicyclic if the bearing
pitchline speed is not excessively high (i.e. < 15 m/s), and if the
applied load is greater than 0.1C, in order to avoid roller skidding.
For these conditions, therefore, the following relationship,
demonstrated in ref.[12], is realistic, viz:

_ - D.5w e
U, o= ug o= ouy 0 n(l -s )Dm (10)

Dividing eq. (10} by eq.(9), gives:

u _ T |1zts A ;
i [122] oo
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The load parameter W' (load per unit length) for radial
roller bearings of conventional clearances is given in references
[12 and 13], as follows:

4.08 Fp

(]
w Z+ %+ cosa

(12)

Substituting egs. (9, 11 and 12) into eq.(8) and knowing that
for steels E' = 2.275 (10)!! N/m2, yields:

hi,o =¢Cj,o"Dp- n0:74. ,0.873 . Fr—ﬁ.ll (13)

where the constants Cj, ke calculated for the three test bearings are
given as follows:

BEARING TYPE
COEF.
MRJ 1 3/4" |  4595/4536  |22310 CJ/C3 W33
c; | 3.052x107° 3.239x 1077 3,375 x 1072
Bis 3.512x10"° 3.598 x 1079 3.878 x 107

Note: For taper roller bearings under axial or combined
loads see ref.[6].

The lupricant Kinematic viscosity v of the test oils

(SAE 20W, 30, and 50), according to laboratory tests, varies with
temperature as follows:

log log(v +0.6) = K, * log(t,+ 273.15) +K, (14)

where the constants K, , are given as follows:

o1L K, K,
SAE 20W -3.6338 9.3356
SAE 30 -3.5022 9.0432

SAE 50 -3.3924 8.8435
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For substituting eqg.(14) into eq.(13) it is of fundamental
importance to remember that the o0il temperature "tm'l must be
considered as a mean between the temperatures of the roller and the
inner (or outer) raceway. This is based on the well established
EHL principles given in ref.[13], viz: "In considering the effect
of viscosity upon film thickness it is the viscosity of the oil at
the temperature of the specimens which is the controlling factor
and that the temperature of the oil bath has no influence whatever,
except insofar as it may affect the temperature of the contacting
bodies. Furthermore, h is governed by the lubricant properties
(ng,B) in the entry region of the EHL contact."

Thus, the prediction of the o0il filmthickness between the
rolling elements and raceways is only possible if the temperatures
of these bearing components can be measured or predicted with some
certainty. COnversely the calculation of the roller and raceways
temperatures requires the calculation of these oil film thickness;
see eq.(2).

Heat generation equations. The heat generated per unit time
(friction power losses) in a rolling contact bearing is given by:

TnM
" — 15
Eg 30 (15)

where the total bearing torque may be calculated by:

M =M + M (161-
Ml " fl. Fr Dm (17)
M, = £,(vn) ”* D} 10~ (18)

The coefficients "f," and "f," are given in refs.[l2 and 15],
for all types of rolling contact bearings. For the test-bearings
the following values were adopted:

BEARING DESIGNATION
MRJ 1 3/4" | 4595/4536 22310 CJ/C3

£, 0.000375 0.0005 0.0005
£, 3.0 4.0 6.0
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Based on the experimental and thecretical results from refs.
[6, 24 and 25], the following percentage of the total heat generated
was estimated at each bearing heat source, viz:

a) Roller/inner raceway 20-40%
b) Roller/outer raceway 20-40%
c) Roller/cage pockets 8-12%
d) Cage/land riding ring B-12%
e) Roller ends/guide flange 0.1-0.8%
f) Viscous churning of lubricant 8-40%

Note: The predominant influence on the above distribution of
generated heat is the lubricant quantity in the bearing. The
maximum percentage value (40%) for the item "f", which
corresponds to a 50% immersion of the lowest roller [ref.é6],
results in the minimum percentages for the other heat sources.
Conversely, the minimum percentage value (8%), which
corresponds t, a minimum lubricant quantity, results in the
maximum percentages for the other heat sources.

Temperature Prediction Technique

The "Heat Balance Method", as described by Welty [26] was
employed as the foundation to the programme for calculating the
operating temperatures within a bearing assembly (as already
explained, the bearing heat generation and EHL oil film thickness
must be calculated simultaneously with the temperatures, requiring
the use of a computer).

Basically the method involves the thermal equilibrium
conditions within a structure and consits of equating the total heat
influx to a given point or "node" (including any thermal energy
generated at the node) to the total heat efflux from this node to
the adjacent ones.

An initial step involves the selection of a set of elements
or nodes (points or surfaces whose temperatures are to be calculated)
throughout the structure. The accuracy of the analysis depend on
the number of nodes and their position. Figure 2 shows the nodes
selected in the central bearing assembly (together with the measured
and predicted nodal temperatures for a specific duty conditions).

As a second step the heat balance method is applied to each
node, all modes of heat transfer being considered. For illustrative
purposes consider Figure 2 with the following arbitrary selection
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of nodal points i and corresponding tempearatures t;:

Node 1 - Bearing roller t,
Node 2 - Outer raceway t,
Node 3 - Quter surface of the bearing outer ring t,
Node 4 - Bearing cage T

Applying the heat balance method to node "2" gives:
Q,_, + 0.1 Hg = Q.3 +0Q, (19)

The heat transfer rate Q, , from Node 1 to Node 2 in eq.(19)
corresponds specifically to the eq.(2), i.e. conductive heat
transfer through oil film. Similarly, Q,_, illustrates radial heat
conduction from Node 2 to Node 3, whilst Q, , represents heat
transfer by forced convectivn from Node 2 to Node 4 (see refs. 6,
g'at Node 2, in
eqg. (19) correspond to the item b - previous section; the concepts

16 and 17). The percentage of heat generated "0.1H

given by Burton (27] being considered. Burton suggested that the
heat generated by two surfaces in relative motion is egually
dissipated between the two surfaces at the contact,

Substitution of egs.(3-5, 13 and 14) into eq.(2) yields:

Ql_z = citt|-t:) (20)

Obviously, the coefficient C, is a complex non-linear
function of the proper temperatures t, and t,. Similarly, Q, 5 and
Q,_4 can be represented in a simplified manner, as follows:

Qy_9= Co(t, = ty) (21)
Q4= Calt, - t,) (22)
Substituting egs.(20, 21 and 22) into eq.(19) gives:

Ci(t, =t,) +0.1H, - Co(t,-t,) -Cy(t,;-¢t,) =0 (23)

g
This final equation (23) is, therefore, the result of
applying the heat balance method to Node 2 and illustrates a typical

nodal equation.
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As a second illustrative example of obtainning a typical
nodal equation, consider Figure 2 with the following nodal points i
and corresponding temperatures t;:

il
Node 5 - Shaft portion at the bearing seating ty
Node 6 - Shaft portion at the cooling fins seating ty
Node 7 - Main body of the fins system t,

Applying the heat balance method to Node 6 gives:
Qu+Q = Qy =0 (24)

"Q," represents axial heat conduction along the shaft from the two
end bearings to Node 6. In any practical situation this could be
calculated by applying an ordinary heat conduction equation,provided
the shaft temperatures near the end bearings (or machine device)
could be evaluated with some degree of accuracy. In the present
analysis, however, Q, was considered as a thermal energy generated
at Node 6 and equal to a given percentage C, of the heat generated
in the bearing in studdy, viz:

Q¢ = C, Hy (25)
From the discussions at the end of Section 2, the inclusion
of Q in eq.(24) is paramount for the accuracy of the theoretical
analysis.
"Qs_g" represents axial heat conduction from Node 5 to Node 6,
whilst “"Qg ," stands for radial heat conduction from Node 6 to Node 7.
Representing the ordinary heat conduction equations Q5 and

Q in a simplified manner, and substituting in eq.(24) gives:

6-7

CoH,+ C(ty-t,) =Celt,-t,) =0 (26)

g9

Eq.(26) illustrates, therefore, a second typical nodal
equation, i.e. similar to eq.(23).

It is obvious from the foregoing that similar equations will
pertain for each of the remaining selected nodal points. Thus a
system of "N" non-linear equations is obtained, (N = number of nodes
selected within the bearing assembly). Using the vector notation
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"t" to indicate the vector of unknows (t,, t,, ... ty), this system
of non-linear equation may be written as follows:

Lok} 2 Ly(ty by enarty) = 0 3 Low i By By ive gl (27)

The third and final step of the process is to obtain the
solution of the system of equations(27), which will then represent
the predicted nodal temperatures, This may be accomplished by using
the computer program given in [6], such that other important factors
are simultanecusly calculated, e.g., bearing torgque, heat generation,
and EHL oil film thicknesses.

DISCUSSION OF THE RESULTS
Theoretical and Experimental Temperature and Torque Correlation

Figure 2 shows both the measured and the theoretically
predicted temperatures for the central bearing assembly. Experimental
and calculated magnitudes of bearing friction torque are also
included. The degree of correlation between the measured and
predicted temperatures and torque is noteworthy.

Temperature correlations for non-rotating points above and
below the bearing horizontal centre line. The theoretical
temperature distribution within the bearing outer ring and the
housing was assumed to produce isotherms of symmetrical
configuration relative to the bearing centre, e.g. circumferences
or ellipses. However, as shown in Figures 1 and 2, points within
the upper half of the housing and bearing outer ring were at higher
temperatures than those of corresponding points at the lower half.
This explains the following correlation between the experimental
and calculated temperatures, over all the wide range of tests:

a) The better correlation is observed for points at the level of
the bearing horizontal axis, calculated temperatures being 1-2%
higher than the experimental values.

b) Calculated temperatures resulted to be 2-5% lower than the
experimental values for points within the upper half of the
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housing and outer ring of the bearing; the opposite correlation
‘being observed for points within the lower half.

The reason for the "asymmetrical" temperature distribution is
the greater heat dissipation rates from the lower halves of the left
and central housings (upper half of the right housing - Figure 1).
This aspect is fully discussed in refs. (4, 5 and 6].

Roller temperature. An important aspect of the theoretical
results is that the predicted roller temperatures were some 10-20%
higher than those of the inner ring, as shown in Figures 2, 3 and 4.
Since roller temperatures were not measured in the test rig, current
literature was searched for some substantiation of this result.
Experimental confirmation of this prediction was found in the
results by Norlander and Stackling [28] who measured rolling element
temperatures some 18% higher than those measured at the inner ring
of a deep groove ball beering.

Inner raceway and cage temperatures. The calculated
temperature of the inner raceway and the cage were about 2-3% and
5-7% higher than the experimental values, respectively {(see Fig.2).

Friction torque correlation. 1In general, calculated friction
torque was some 2-4% lower than the measured values, as shown, for
example, in Figure 2.

Note: From the foregoing discussion it has been shown that the
predicted temperatures were slightly higher than the
experimental values, whilst, on the other hand, calculated
torques were slightly lower than the measured ones. The
conclusion is, therefore, that the "heat dissipation potential"
of the bearing assembly was slightly underestimated in the

theoretical analysis. This will be further discussed in the
following section.

Variation of bearing temperatures and torque with speed. Fi-
gures 3 and 4 show the variation of calculated temperatures and
torques with speed and with load. The profile of the theoretical
curves lie very close to those of the experimental curves given in
[6], except for loads lighter than about 2-3 KN; the calculated
torques and temperatures being higher than the experimental values
for these light loads.
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Predicted oil film thicknesses between the rollers and the
inner raceway are thinner than those between the rollers and the
outer raceway. This is due, not only to the better degree of
conformity and larger equivalent radius for the outer raceway
contact, but also because the outer raceway temperature is lower
than that of the inner raceway (see Figs. 3 and 4).

Effect of speed on EHL oil film thickness. Figure 3 show the
variation of calculated EHL oil film thicknesses, "h; ", with shaft
speed. It can be seen that hi,o increased rapidly with speed (up to
about 500-700 rpm) and then decreased gradually with speed, for
speeds above that value. This is due to the significant decrease of
both the lubricant viscosity and pressure-viscosity coefficient as
temperature increased with speed.

Such variation of hj,, with speed is in close agreement with

the experimental results from [20].
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Figure 4. The effect of load on calculated temperatures, torgque
and o0il film thicknesses. Shaft speed: 4000 rpm.
Lubricant: SAE 30 oil (half immersion on lowest roller)
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Effect of lubricant guantity and viscosity grade.

23

Figure 5

shows the significant effect of cil quantity (immersion level of
the lowest roller) on the measured torgues and temperatures of the

spherical roller bearing.

Similarly, the use of a heavier oil means higher torques and

temperatures for the bearing [6].

EHL 0il Film Thickness Results

Calculated EHL oil film thicknesses of
outer) raceway contacts are plotted (together
temperatures and torques) in Figures 3 and 4,
load conditions.

For the reasons pointed out in Section

the roller/inner (and
with bearing
for various speed or

"EHL oil film thickness

eguation®, a mean between the roller and raceway temperatures was
adopted when calculating lubricant viscosity and the corresponding
EHL oil film thickness. It is to be inferred that the higher roller
temperature (relative to the raceway temperature) has, therefore, a
significant effect upon the EHL cil film thickness.

Computer calculated oil film thicknesses are in good
agreement with the experimental results obtained by Pemberton and

Cameron [20] and by Wilson [21].
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Figure 3. The effect of speed on calculated temperatures, torgue
and oil film thicknesses, radial load: 8000 N. Lubricant:
SAE 30 oil (half immersion of lowest roller)
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Effect of load on EHL oil film thickness. Figure 4 shows the
variation of oil film thicknesses, temperatures and torque with
applied load. It can be seen that oil film thicknesses decreased by
about 20% for a lecad increase of 100%. This dependence on load is
slightly in excess of that found experimentally by Crook, as
reported in [13]. 0il film thicknesses decreases with load not only
due to the load parameter in eg.(13) but alsc due to the effect of
load on the operating temperatures (Figure 4) and, consequently, on
the lubricant viscosity, since, as may be seen from eq.(14), the
kinematic viscosity v decreases drammatically with temperature.

Thermal Balance

Figure 6 shows both "Heat Generation" and "Heat Dissipation”
curves plotted against the outer race temperature for the spherical
roller bearing SKF 22310 CJ/C3 W33. A corresponding ordinate for
the bearing friction torque is also included.

Three bearing "Heat Generation" curves are plotted,
corresponding to the choice of SAE 20W, SAE 30, or SAE 50 oils.
Since the heat generated by the bearing is a function of the
lubricant viscosity (which is an inverse function of the temperature)
heat generation decreases with temperature. This effect is clearly
shown by the three "Heat Generation" curves.

Three "Heat Dissipation" curves are plotted; the "Total Heat
Dissipation" corresponding to the sum of the "Heat Dissipation
through the Housing"” and the "Heat Dissipation through the Shaft/
/Fins".

The point of interception of each of the three "Heat
Generation" curves and the "Total Heat Dissipation" curve represents
the thermal equilibrium condition and indicates both the bearing
outer race temperature and the friction torque for the specified
operating condition (load, speed and lubricant).

It is immediately obvious that the choice of the thinner oil
would result in a lower operating temperature and reduced power
loss in the bearing unit. It is to be appreciated that a lower
operating temperature implies increased oil change periods, since
0il oxidation rate is lowered.

Figure 6 also shows the importance of an accurate assessment
of the heat dissipation potential of the assembly. If this is
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underestimated (for example, if the "Heat Dissipation through the
Shaft/Fins" if neglected), there is an apparent anomaly in that the
predicted temperature is higher than the experimental one, whilst
the calculated friction torgue is less than the corresponding
measured value. This phenomenon is readily explained, however, on
the basis of the rapid decrease of the lubricant viscosity with
temperature. If the heat dissipation is underestimated in the
programme, the predicted bearing temperature will, obviously be
higher, giving a lower operating viscosity. Since the friction
torque equation used in the programme itself contains a viscosity
term, the result will be a predicted friction torque lower than the

measured value,
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/ e THROUGH SHAFT/FINS
/‘
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Figure 6. Thermal balance, shaft speed: 4000 rpm, radial load: 4000 N,
0il level: half immersion of lowest roller
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As already discussed in Section 1, apparently, this effect
was experienced by Schwartz [3), the experimental and theoretical
findings reported in his paper giving a similar "contradiction" in
the two parameters.

The effect was demonstrated, somewhat dramatically for the
authors, during early development work on the programme. In normal
running, after thermal equilibrium is reached, an appreciable amount
of heat is conducted out of the bearing from the housing base to the
bedplate. This was, initially, underestimated in the earlier
programmes, the resultant temperatures being, in certain cases,
almost 50% higher than those experimentally measured, whilst the
calculated torgues from the programme were, unexpectedly, less than
those measured on test.

The problem was finally resolved when thermocouples were
placed at the base of the housings (see Figure 1). These gave a
true picture of the extent of the conduction heat transfer. It is
to be inferred, therefore, in the light of this, that close
attention to foundation conduction is highly relevant when assying
thermal problems in bolted-down bearing housings.

CONCLUSIONS

Influence of Adjacent Bearings and Heat Dissipation Potential of the
Assembly

From the discussions in the previous section, ivL
is clearly shown that both the operating temperatures and friction
torque of any bearing assembly are highﬁly dependent on both the
temperatures of adjacent bearings (or machine devices) and the heat
dissibation potential of the assembly (housing/foundations, shaft
and any specific cooling device). These effects must, therefore,
be given careful consideration in any theoretical attempt to
predict the temperature distribuition and heat generation within a
bearing assembly, if a good correlation between theoretical and
experimental results is hoped to be obtained.

In the authors opinion, inaccurate estimates of the heat
dissipation and/or failure to consider the effect of the operating
temperatures of adjacent bearings clearly explain some of the
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comments (In the "Discussions" of selected papers in the literature)
regarding too high or too low friction torque (or heat generation)

for a given bearing type and size.

Effect of Lubricant Quantity and Viscosity

As discussed in previously, increased lubricant guantity
significantly increases bearing friction torque and operating
temperatures. On the other hand, it is evident from eq. (13} that
the EHL oil film thickness decreases with temperature (temperature/
/viscosity chanracteristics of the lubricant).

It can be concluded, therefore, that the common practice of
specifying rolling contact bearings with the lowest rolling element
half immersed in the o0il bath, may not be further recommended. Less
lubricant quantity would result in less heat generation within the
bearing, lower operating temperatures. (and thereby increased
relubrication intervals) and, possibly, thicker oil films in the EHL
contacts (thus increased bearing service life) provided lubricant
starvation is unlike to manifest - see [20 and 29]. Additionally,
another advantage of reducing the lubricant guantity would be the
consequent reduction in roller skidding ([30].

Similarly, the use of a less viscous lubricant would result
in less power loss from the bearing and lower operating temperatures,
as discussed in previously. However, EHL oil film thickness would
also be reduced, the lubricant selection being made therefore from a
compromise between these parameters.

Further Conclusions on EHL Oil Film Thickness
By employing the simplified EHL oil film thickness formula,
i.e. eq.{13), the following conclusions were obtained:

a) Substantially thick EHL oil films may be established between the
rollers and raceways of a roller bearing, for a shaft speed as
low as 50 rpm.

b) Typically, .hi,o' {EHL oil film thickness between roller and
inner or outer raceway) increases rapidly with speed (for
n <500 rpm), remaining approximately constant with speed (for
500 <n < 1000) and decreasing gradually with speed (for n> 1000
rpm) .
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c) Somewhat surprisingly, “hi,o. calculated for n=100 rpm were
larger than 'hi,o- for n=3000 rpm,

d) "h;, ," decreases, somewhat significantly with load, for bath
lubricant roller bearings.

e) Usually, "h;" is about 20% lower than "h,". This has been
confirmed by Wilson [21].

Note: These conclusions "a", "b" and "c¢" above have been

experimentally confirmed by Pemberton and Cameron [20].
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ABSTRACT

The use of computer programs in system dynamic analysis is very
common. Frequency responses, vibration modes and time simulations
can be calculated by the computer, if one has a mathematical model of
the system. These kind of analysis is useful in many fields of
mechanical engineering, such as rotor dynamics, vehicle technology
and machine design. THis work presents some programs developed for
microcomputers that simplify these studies. The engineer creates a
model by connecting rigid bodies, springs, dampers and external
excitations. The model equations must be supplied by linear second
order equations, put in a matrix form. The results of the analysis
are stored for post-processing or plotting in a graphic terminal.
The user can make changes in model equations and model parameters,
and verify how these changes affect the system dynamic behavior. In
the second part of this work, a small rotor with elastic bearings is
modelled and analysed. The bearing parametes are estimated by a
simple procedure. The method is to rationally variate the parameters,
until a good agreement is found between the calculated transfer
function, and an experimental one.

RESUMO

O uso de programas de computador na andlise dindmica de sistemas &
algo bastante comum. Respostas em frequéncias, modos de vibracdo e
simulacaes podamserrealizados facilmente se tivermos um modelo ma-
tematico do sistema em questdo. Estes tipos de analises sao de ex-
trema importancla em diversos campos da engenharia mecanica, tais co
mo: dindmica de rotores, tecnologia de veiculos e projeto de maqui-
nas. O presente trabalho apresenta alguns programas desenvolvidos
para microcomputadores que simplificam estes estudos. O engenheiro
cria o modelo unindo corpos rigidos, molas, amortecedores e excita-
¢des externa. As equacgdes do modelo devem ser descritas. por egqua-
¢Oes diferenciais lineares de seqgunda ordem colocadas na forma ma-
tricial. Os resultados da andlise sdo armazenados para pos-proces-
samento ou tracado _em um terminal grafico. O usuario pode fazer al
teracoes nas equagdes ou nos par@metros e verificar como estas alte
racbes afetam o comportamento dindmico do sistema. Na segunda par-
te do trabalho, um pequeno rotor com mancais eldsticos & modelado e
estudado. Os parametros do mancal sdo estimados através de um pro-
cedimento simplificado. O método consiste em variar racionalmente
os parametros até que se tenha uma fungdo de transferé@ncia calcula-
da que se aproxime bem da funcdo experimental.



34 RevBrMec. Rio de Janeiro, V. IX,n? 1 - 1987

INTRODUCTION

The use of computer programs to solve some system dynamics
problems is very common. The engineer can estimate the behavior of
a system if he has a mathematical description of that system. So we
can understand modelling as the representation of a real system for
the analysis of some of its characteristics. Among many techniques
of modelling, the multibody approach is very close to mechanical
systems with applications to rotor dynamics, vehicle technology,
robotics and machine design.

The objective of this paper is to present a group of programs
developed to the analysis of multibody systems in a 16 bits
microcomputer, There are some excelent general purpose programs for
analysing system dynamics, a good review of them can be found in [1].
These programs provide an easy way to the user to build and simulate
the systems. The cost of the microcomputers is motivating its use
in technological field and although restricted to simple models one
can find applications such as simulations, verification of confort
in vehicles, optimization of parameters to increase stability,
evaluate frequency responses or vibration modes.

Some important requirements have to be remembered when
developing a software of this kind. First of all the operation must
be interactive so the user can control of the execution as he like,
in this way the interface between man and machine must be efficient
to an expert as to a beginner user. Ehe programs must provide an
easy and fast way for changing the model parameter values and
verifying its influence in the system dynamic behavior. Standard
outputs are necessary to interchange data between other programs,
and for post processing too. Graphical output is an other important
feature that must be provided; and of course, accurancy and
computational efficiency must be taken into account.

THE MATHEMATICAL MODEL

Extensive literature exists on linear systems [3), and there
are also many well established numerical algorithms on this broad
field of system dynamics. So as a first step in the development of
the package only linear systems will be considered. A well known
representation of a mechanical model is the second order differential
equation, that can be put in a matrix form, such as:
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RM*¥ + P*X + Q*X = H i (1)

where RM,P and Q are known as mass, damping and spring matrices
respectively; abd H is the external forces vector. The degrees of
freedom and its derivatives with respect to time are represented by
the X,X and X vectors.

Other restrictions had to be imposed such as time independence
and real constant coefficients. The model in this form is used for
frequency response calculations where complex external forces (2)
and frequency dependent parameters are allowed.

H = Hr + j*Hi (2)

From the matrix equation (1) a state-space representation
can be developed, if the RM matrix is positive definite. The state
space representation is put in an alsc well known matrix equation
{3) where the matrices are built as indicated in (4) and (5). This
representation will be used for eigenvalue calculation and for time
simulation.

Y = A*Y 4+ B*( (3)
where
yT= xT ., %T B= 04RM T U= 0 ) HeT (4)
1]
0o ! I .
A= —=-=c=daca--
T (5)
~RM*P : ...RH*Q

The model equations must be delivered by the user, it can be
formulated by a Lagrangean approach or by applying the Newton's and
Euler's laws to the system. THis may be a very difficult and time
consumming task. A new solution to the problem of developing the
model equations that apper in the last decade are some general
purpose software for generating the symbolic equations of motion [1].
In our applications the NEWEUL program [2] has been used with very
good results. This program can generate the model equation and the
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user has only to provide a description of the system, its inertia
tensors, masses, forces and moments as functions of the geometric
properties and the degrees of freedom. The studied case will show
a simple use of this package.

GENERAL DESCRIPTION OF THE SOFTWARE

The high level language used for the development of the
packege was Pascal, in order to improve maintenance and portability
to the software. The system of programs were designed to be
structured and modular so the first step was to define some standards
for the input and output. Then the algorithms were selected and
tested, and only afterwards the package was built. The numerical
methods were selected mainly because of its generality; the QR
algorithm is used to evaluate both real and complex eigenvalues and
eigenvectors of the system matrices; to integrate the differential
equations a 4th order Runge-Kutta method is used. When a matrix
needs to be inverted a Gauss-Jordan Inversion procedure is called.
An important part of the programs is a formula interpreter that was
designed to evaluate the equations of motion without the need of
re-compilation. This interpreter has the same structure of the
Pascal language itself and can solve the commun mathematical
functions such as sin, cos, exp, etc...

The feollowing figure shows the general interaction between
some concepts involved in the program.

In the Figure 1 we can see that the real system can be
modelled with the help of the NEWEUL program, that delivers the
equations of motion, whitch can be edited to create an input data
file with the model equations in a format suitable to the ADS
program. On the other hand measurements and experimentation can be
performed in the system and the results will be the numerical values
for the parameters of the model or other experimental results. Those
experimental results will, in the future, feed an identification
scheme to provide the parameters too.

After the model equations and the model parameters have been
developed, the main program can be executed, and the user can
interactively perform the analysis. Today we can divide the
analysis into four classes: Frequency calcations, Matrix calculation,
Eigenvalues and Time simulation. Now we will describe in a little
more detail each one of these.
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Figure 1, Block diagram of the program package

Frequency Calculations
Based on the n second order differential equations, the

37

program can construct a system of n complex linear equations on the

unknown degrees of freedom as shown in (6). The complex system of

order n is transformed into a real system of order 2n and then
solved, as (7).

((Q-W2*RM) + j*W*P)*(Xr+ j*Xi) = Hr + j*Hi

were W is the frequency [Rad/s]. The subscripts r and i indicate

the real and complex components.
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Xr Q-W2*RM | -% P Hr
—--- m eee-achemme—e A e (7)

Xi W*P y Q-W2*RM Hi
L

choosing suitably Hr and Hi, and variating W in a given range it
can calculate the transfer function of a system, a forced harmonic
response or an unbalance response. As the equations are solved for
each frequency, the matrices RM, P, Q and H can have W as a
parameter. The results are stored in a magnetic media for post
processing.

Matrix Calculation

All the matrices that describe numerically the system can be
outputed, and listed. The future use for these matrices will be
some control design programs, that will use the modern control
theory. Once a state description of the system is known, one can
minimize a linear gquadratic criteria and estimate the feedback
matrix, for example.

Eigenvalues

Estimation of eigenvalues is made by estimating the real and
complex eigenvalues of the matrix A, and also the eigenvectors. Then
they are sorted, from the lower to the upper complex eigenvalue, or
eigenfrequency. This calculation can be performed for a single set
of parameters and the modes of vibration are then normalized and
listed; or one can variate any of the model parameters and verify
its influence in the eigenvalues. This last type of analysis is
called sensivity analysis and shows the variation of natural
frequencies and stability with the system parameters; in this case
the outputs can also be stored.

Time Simulation

The system (4) can be integrated with respect to time for a
given set of initial values and using some excitation. The program
provides some standard excitations such as random noise, ramp,
pulse, step or sin functions. The integration scheme is very much
time consumming. A general purpose integration program that will
deal with non linear models as well as with linear ones is now
under development.
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Post Processing

Graphics is the most important post processor. The program
can draw graphics on the computer graphiec terminal and then transfer
them to a pen plotter, or to a dot-printer for hardcoping. Linear
and Logarithimic scales are avaliable.

Another very usefull post processing is the curve handler.
With this program one can operate numerically the stored results &F
the main program. The curves can be interpolated, multiplied,
added, and function such as sin, cos, exp can be performed in the
data to estimate coupling forces, other points of the rigid bodies
motion, or functions can be integrated or derivated in the

frequency domain.

CASE STUDIED: ROTOR WITH ELASTIC BEARINGS

A small air driven rotor was taken as "an example, to
demostrate the use of the programs. Figure 2 shows the system which
consists of an aluminium rotor of about 400 mm long, with ball
bearings at both ends to allow free turnig, driven by a small air
turbine that can run up to 6000 rpm. At the ends there is a rigid
shaft conecting a copper disk to a flexible spring. The copper disk
oscilates in a constant magnetic field created by coils, in order
to deliver some damping to the system. This aparatus was bullt at
GEPROM [4] or educational propouses in rotor dynamics.

The ADS program will be used to estimate the flexibility and
damping parameters of the bearings, The method variates this
parameters until a good agreement between experimental and
theoretical transfer functions of the system is found.

The first step is to develop a mathematical model for the
real system. As we will be interested in the low fregquency range
(below 3000 rpm) the rotor can be assumed rigid, and a model of a
rigid rotor with flexible and damped bearings seems to be a good
representation for this system. Let's supose also that the bearings
have radial simetry, ie the spring and damping constants for both
axis X, Y are equal.

Figure 3 describes the mathematical model, and the symbols
to be used. This figure also provide the input data to the
modelling program NEWEUL [2] that will develop the model equations.
To describe the model to the program is necessary to answer some



40 RevBrMec. Rio de Jameiro. V. IX,n%? 1 - 1987

SPRING

|~
~ ’COIL

IR ROTOR \corpnn

BEARING N pIsK

AIR
TURBINE™S

AIR

INLET
. R e
5 Ir!_,_hu o=

1

SPRING
Figure 2. Rotor system

Ch

1
LL
% Kl
<3 = |
Y X1
‘ |

Figure 3., Multibody model representation




RevBrMec. Rio de Janeiro. V. IX,n® 1 - 1987 41

guestions as the numbers of bodies, numbers of degrees of freedom,
the names for the position vector, the mass and inertia tensor as
well as the forces and moments that are applied to the bodies.
After that, a list of the model matrices as shown in Figure 4 for
the mass matrix, is outputed.

RM(1,1)=LI**2*LM1**2*M+J*LM1**2
RM(1,2)=LS*LI*LM1**2*M-J*LM1**2
RM(1,3)=0.
RM(1,4)=0.
RM(2,2)=LS**2*LM1**2¥M+J*LM1**2
RM(2,3)=0.
RM(2,4)=0.
RM(3,3)=LI**2%LM]1**2¥M+J*LM1¥*2
RM(3,4)=LS*LI*LM]1**2*M-J*LM1**2
RM(4,4)=LS**2*LM]1 **2*M+J*LM]1**2

with LM1=1.0/(LI+LS)

Figure 4. Mass matrix output -listing

Using a text editor these equations can be easily edited to
create a data file for the ADS programs, Another data file must be
breated with the numerical values for the model parameters, this
file will contain a list, such as in Figure 5.

M=6.8
J=0.1854
JP=0.005736
LI=0.294
L8=0.275
LAX=0.37
FXS=1.0
W=0.0
G=9.806

Figure 5. Parameter data file list

The analysis program will now be used to identify the spring
and damping parameters (KS,KI,CS,CI). An experimental test was
carried out to suply the transfer function. The test consists in
estimating on an spectrum analyser, with the FFT algorithm, the
transfer function between the signal of a load cell connected to a
hammer that excites the rotor, and an accelerometer, mounted on the
upper bearing. The experimental set up is represented in Figure 6.
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The calculation used 512 data points with a cut off frequency of
25Hz. Figure 6 also exibits the resulting curve, where we can find
the two natural frequencies corresponding to the modes of vibration;
the lower one is at 5.5Hz and the upper one on 9.7Hz.

Foperee
STZeTepM

N—omi]] [ acee

-
J
>
G
T

L

Figure 6. Experimental transfer function

It is well known that the spring constants greatly influence
the eigenfrequencies; so we can use this fact in the identification.
It is possible with the programs to variate the spring constants and‘
calculate the eigenvalues of themodel until the imaginary part of
them matches the two frequencies. As there are two spring constant
this variation is not so easy and can even lead to a non unique
solution. A simple static test was made to relate the two spring
constants (KS and KI), and reduce the number of parameters to be
identified. The test is to measure the displacements at the two
bearings and find a point in the rotor were the application of a
force would produce the same displacement in the two springs; at
that moment the ratio between the distance of that point and the
bearings is equal to the ratio of the spring constants, as shown
in Figure 7. It was found that the KS/KI ration is approximatly
equal to 1.45. Now we can study the effect of the KI (KS=1.45%*KI)
in the eigenvalues. Figure 8 shows the result of this variation.

It also shows that the value of 3.4*1073 leads to a very good
approximation to the correct values for the natural frequencies.
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Figure 8. Variation of KI x Wn (the value of Ki selected
so that the eigenfrequencies are matched)

The next step in identification is to select the damping
coefficients. Assuming for simplicity that they are equal:

C=Cs =C(CI
3

we can calculate the theoretical transfer functions XS/FXS for some
values of C and compare it with the experimental one. The transfer.
function of the displacement is easily calculated from the second
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order equation, and it can be transformed into an acceleration
function by multiplying the gain values by W 2. Figure 9 shows the
displacement transfer function and the comparison to the experimental
curve. The selected value of C=7 N/(m/s) is the one that give the
best agreement among the curves.

-SED + . -

oE3 - N . * €T

xS [m) = W [Hz)

- Ll A
g - NIJM:‘I
—_— = 310 M/ Imsm)

CE 3 +FET

XE/FXS  [m/s2sN) oW Imz)

Figure 9. Calculated transfer functions (a) displacement
{(b) acceleration with experimental comparison

This simple method for identification is very particular to
~this case, but there can found similar applications in other
problems. A last comparison between the eigenvalues calculated
from the model and a model analysis is shown in Figure 10; the
maximum error found in this case was about 17%.
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lst Mode
MEASURED CALCULATED »
AMPLITUDE AMPLITUDE PHASE (DEG) I
]
Xs 0.86 0.73 0.0 ]
XI 1.00 1.00 0.0 :
2nd Mode
MEASURED CALCULATED
AMPLITUDE AMPLITUDE PHASE (DEG)
X8 1.00 1.00 0.0
X1 0.78 0.92 180.0 !
Figure 10. Model analysis results
CONCLUSION

A package of programs for the modeling and analysis of MBS is
presented. The programs demostrated the power of microcomputers in
this field of engineering, specially on small problems in system
dynamics.

of a package of this kind was discussed.

The requirements, the capabilities, and the organization
Some developments in
fields of control engineering, non linear models and identification
are yet to be done. ) .

A small rigid rotor with flexible and damped bearings was
taken as a case studied. The flexibility and damping parameters
were identified from an experimental transfer function, by a simple

procedure, with reasonable results.
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VIBRATION CONTROL OF MAGNETICALLY SUPPORTED ROTORS

M. Frik
R. Weweries
University of Duisburg

INTRODUCTION

DUring the last years electromagnetic bearings have reached
an increasing number of technical applications, e.g. for turbomclecular
pumps, turbo compressors, steam turbines and rotational spindles for
milling and grinding machines.

Magnetic bearings represent a suspension without mechanical
contact and friction. The characteristics of the bea}ingl, such as
stiffness and damping can be chosen arbitrarily within a wide range
by an appropriate design of the controller, which makes them
adaptable to different dynamic requirements [1].

Furthermore, magnetic bearings can be used to control the
dynamics of the suspended mechanical system during operation [2,3,4].

In this paper a magnetically suspended spindle of a milling
machine is considered as an example for which vibration control
during operation can be applied to improve the performance.

EQUATIONS OF MOTION

In milling machines the cutting force is the main cause of
forced and self-excited vibrations which can limit the productivity
and machining quality essentially. Here we are not going to
describe the cutting force explicitly since it depends on a number
of parameters which not all are very well known and which vary with
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operating conditions. Instead we shall use only its characteristic
form.

It we have a constant feed of the workpiece and no
oscillations of the cutter, i.e. the chip-thickness is constant, we
have a time varying periodic cutting force which can be described
by its constant average part and additional time varying terms.
However, if oscillations of the cutter occur, we have additiomnal
time-delay terms due to the fact that the chip thickness is affected
not only by the location of the cutting tooth at time t but also by
the trace of the previous tooth at time t-T, with T=271/0lz, where
is the angular velocity of the spindle and z denotes the number of
teeth of the cutter.

The time-delay terms describe the regenerative effect which
can cause instability and self-excited chatter vibrations.

Since the deviations of the magnetically supported rotor
from its nominal position are small, the equations of motion can be
described by a linear differential egquation of the form

My + Py + Qy = EuE +g, + gllt} +
R
(G +G (£)) (y(t =T) ~y(t)) + 3 W s, (t) (1)
== i=1

Here y is the f-dimensional vector of the generalized
coordinates, u is the r-dimensional vector of the magnetic forces,
M, P, Q and B, are constant matrices of appropriate dimensions. The
parts g,. g,(t} and (G, +G (t})(y(t~-T) -y(t)) describe the above
mentioned terms caused by the cutting force. The elements of )
g,(t) and G, and G, (t) are assumed to be unkown. W,y 84(t) are
harmonic excitations, e.g. caused by unbalance masses, but also
harmonic parts of the cutting force may be included.

The elements of W,,, i.e. amplitude and phase of these
harmonic aprts are assumed to be unknown, the frequencies w; of

coswit
si(t) - {2)
Binwit

however, which correspond teo the angular velocity of the spindle,
are assumed to be known.
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Introducing the state-vector §T = (xr,ir). the state-vector

differential equation becomes

1
X = Ax+Bu+fgz+f (t) +F 8p+F (t)sp+ 2, Ws, (3)
where
o | E 0 0
A = e L L ] B = o H W, = o s
Mg f -MTle L ' M Moy
1
0 0 0 :
F,.= [|[-===~-=~ i F(t) = |=====-= = [--=-=-] (4
L] 5 4 3 -1, . 1s] =1
MG, MG, (t) Mg,
0
£, 60) = |-z~~~ i Bp=ylt-T) -y(t)
Mg, (e
(A,B) are assumed to be controllable.
Control Schemes
Let u be composed of
1
u(x,t) = -Kx+up +2%, 85 +u (x)+ 3 Zyis; (5)
i=1

The part -Kx can be designed in a common way to give the
undisturbed system a desirable dynamic behavior. The terms Ygq o
Zpo S7r Zyy 54 should compensate the corresponding terms of the
cutting force and the harmonic excitations, respectively.

In general not all of these compensation signals will be
necessary, and we shall later on consider an example where some of
these signals are omitted. However, if they are all realized we
need harmonic signals, e.g. from function generators, and the
generalized coordinates y(t-T), that is a part of the state-vector
must be stored over the known time intervall T; u_(x) is an
additional nonlinear part of the control to be specified later on.

Inserting u into the equation of motion we obtain

¥ = (A-BKix+ (£,+Bu, )+ (F, +Bly )s,

L
+ 2, W +BZg)s, +f (t) +F (t)sp+Bu (x) (6)
i=1
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It is assumed that there exist matrices Zp, , Zy and B,
such that

0 0

foriee "\ 9077 T W aornun
0 0

Fo* Piro ” —D-F- ) _M:‘-(a;:a_z;o_l-
0 0

it B -D;; ) -M: '-n;o-i _+_B;Z-H; )-

become zero. This is possible if

rank B, = rank{BD,gol
rank B, = rank(B,,G,)

rank B, = rank(BD,Woil

In case of a rigid rotor these conditions are always
satisfied since B, has full rank.

The ramaining parts f (t) +F, (t)s; can be interpreted as
uncertain time-varying input-signal

£,(t) +F (t)sg = C\v (t) +C,v, ()
where C, and C, are constant matrices.

It is assumed that matrices N, and N, exist such that

C, = BN, 1 C, = BN,

Now let a vector e be defined as

e =Ny * Ny

that is

£,(6) + F (t)g, = Be

1987

(7)

(8)

an

(9)

(10)

(11)

(12)
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The norm of vector e is

llell s max [[N,v, || +max |[N,y,]l = p (13)

v, v,

v

If not all of the previously mentioned compensation signals
are realized, the corresponding inputs may also be included in e by
additional terms.

In order to derive laws for generating the compensation
signals and the nonlinear control consider the Lyapunov function
candidate

L
= T T T : T
V = x"Hx +d;S;d; + tr (D SpDy) +iil £r{Dyy Sy Dyy ) (14)
where H, 8¢, Sy, S,y are positive definite symmetric matrices.
The time-derivative of V is

v o= xT [(A -BK)TH + H(A -Bx)]5+ 2(£, +Bug, ) THX

1
+ 280 (F, + B2y, ) THX + 2 121 sT (W, + B2y, }THx

- 2x"HB(u, + e) +2a7s.d; + 2tr (DI Dy)
L
+ 2 B er(Dh 8y Dyg) (15)
i=]1
Since A -BK is a Hurwitz-matrix, it satisfies the Lyapunov-
-equation

(A-BK)TH-H(A-BK) = -L (16)

For any positive-definite symmetric matrix L, the sclution
of this equation is a positive definite symmetric matrix H. With
the quadratic submatrices Hy; and the abbreviation h

ra
-
-
1)
o
[

L}
! H X
g o= (==l M), [T h=H, x +H x (17
v H
L}

is becomes
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V = -xTLx +2df(h+S;M'Bou o)
+ 2tr [D% (h_5¥ + SFM'IBozFo }] + 2§THB (u,+e)

% s
+2 3 tr[n;fﬁ (hs] + Sy M7 By gy )] (18)
i=
Now we set
&l (h+ M B gy) = 0
tr[DE{E%+SFM_1B°ﬁFO 1] =0 (19)

tr[?ﬁi{ﬂﬁg'*swim_lgoiwiﬂ il

which is fulfilled for

- =TI, -1
Byug, = ~M5¢ h
. = -1 i
B,%2p, = -MSy hsgp (20)

ByZyi MSyshsy

These differential equations describe the laws for generating

the compensation signals. Now V becomes
V = -xTLx + 2 (BTEX)T (u, +e) (21)
or using (13)

BT Hx

N, Ty I
VE-x"Lx+2(B'Hx)" (u  + BT hx ] Pyl

(22)

By an appropriate choice of u_(x) boundedness or even
asymptotic stability can be guaranteed.

a) The nonlinear control [5]

BTHx
u_(x)

N
" - for B* Hx = 0

u.(x) arbitrary wity [[lu (x}|| sp, for [|BTEX|] = 0
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leads, combined with the compensating signals (5), (20) to
'}S-ETL!‘t 0 for all x =0

Let be V=¥, for t= t,, then x(t) remains within the
ellipsoid 5"35-\:0, i.e.

VO
Ix(t) |] s A e for all t2t,
min

and x=0 is asymptotically stable.

b} A similar control scheme is obtained, if the components of e are
limited by |ey| s py.

The nonlinear control

ug (x) = —pnsgn{Q}'H_:g) for }3}'}15 = 0
(24)
ung(x) arbitrary wity |u ;| s ey for blhx = 0
delivers
Vs-x Lx<0 for all  x = 0

Hence, we have the same situation as in case a).

c} The nonlinear control can also be used to avoid amplitudes of
too large magnitude. If

u, (x) =0 for  ||BTmx|| s 25
T
B Hx

U (X)) = =« ——— 5 for BUHx|| > €

S Py i ek

we obtain
for [1BTHx|| >e: ¥ = -xTLx and

for IBTHX[| Se: V = -xTLx + 2ep,

i
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which is negative for

2 2Epy
Apin (1)

Il = i

Example:

As a simple example the motions of a cutter are considered
which is regarded as a one-degree-of-freedom-system oscillating in
feed-direction only.

The equation of motibn is
X = (A-BK)x+ £ + £ (t) + (Fy+F,(t))(x, (t=T) - x, (t))
+ Blug, +zp (x, (£t =T) =x, (t)) +u, (x}]

For this one-degree-of-freedom-system ug, , zy, and u, are
scalar gquantities.

The cutting force can-be calculated for given operating
conditions such as cutter geometry, cutting speed and cutting depth
etc. [6]. For the system

X = (A-BK)x+ £ +F (x, (£-T) - x,(t))
that is for the system without compensation forces and without the
time-varying parts in the cutting force, the stability limit for

the onset of chatter vibrations due to the renegerative effect can
be determined using the Nyquist criterion. For a given matrix

A - BK, here
0
B =
1

s

0 1
(A-BK) =
mk -0,2

has been chosen, the stability limit depends upon F, and T. Since
F, is proportional to the depth of cut and T is related to the
rotational speed, the stability region can be described plotting
depth of cut versus rotational speed. Figure 1 shows an example
for a specific case.

In the following some simulation results for three operating
conditions marked in Figure 1 are presented. These simulations
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include all of the terms of the cutting forces, whereas different
combinations of the compensation signals are applied.

For

we obtain from (16) and (17)
h=10.5x, +5 x,

and from (20)

ZFD - -S;hlxl‘t-T) -xl[tij

where s} and s} are positive scalar quantities which can be chosen
arbitrarily.
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The nonlinear control is

u, (x) = -p,sgnh case a) and b)
-p,8gnh [h] > €
u, (x) = for case c)
0 |n| s e

Figure 2 shows oscillations at operating points I, II, IIIL
with u, 20, 2z, =0. The stability of I and instability of II and
111 are confirmed. In Figure 3 the nonlinear control of cases a)
and b) is applied to operating point III without compensation of
the regenerative effect. The motion x,(t) tends asymptotically
towards zero. The nonlinear control has a high switching freguency,
showing up also in the resulting magnetic force F.

For the nonlinear control of case c) and zp, =0 simulation
results at oberating point III are given in Figure 4. Here only
boundedness of the solution is obtained, but at a considerably
lower switching frequency.

In Figure 5 compensation of the regenerative effect without
an additional nonlinear control has been applied to point III.

The switching frequency of the nonlinear control can be
reduced by hysteresis accoring to Figure 6. This nonlinear
characteristic has been applied to operating point III without
(Figure 7) and with (Figure 8) additional compensation of the
regenerative effect. In Figure 7 the nonlinear controcl is needed
to stabilize the system, whereas in Figure 8 it serves only to
avoid large amplitudes.

CONCLUSIONS

Active magnetic bearings can be used to control the
vibrations of the supported system.

It has been shown that in milling machines with magnetically
supported spindles, forced and self-excited chatter vibrations can
be avoided by an appropriate control of the magnetic forces, thus
increasing the machining efficiency and gquality. Nonlinear control
schemes and compensation algorithms have been derived using the
second method of Lyapunov.
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b)

<)

Figure 2. Vibrations x,(t) for u =0, zy =0
Operating points I, II, III
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A SELF-TUNING REGULATOR BASED ON POLE PLACEMENT DESIGN
FOR USE IN SATELLITE ATTITUDE CONTROL

José Francisco Ribeiro
Antonio Felix Martins Neto
Jodo Moro

Instituto de Pesquisas Espaciais — INPE/MCT
S#o José dos Campos, SP

ABSTRACT

The problem of controlling a three axis stabilized satellites is
approached by using a self-tuning pole assigment regulator. The
satellite control system is modelled as a multi input - multi output
system subject to random disturbances. Ribeiro (1985) has already
developed a self-tuning regulator for this same problem, considering
that the system is of minimum phase and using the minimum variance
criterion and the certainty-equivalence principle. In practice,
some minimum phase continuous time systems are transformed into
nonminimum phase sampled data systems and different response times
can arise in the various loops and change with time; all these
factors can impair the performance of a minimum variance self-tuning
requlator. The self-tuning regulators based on pole placement try
to avoid these difficulties; they are constructed in such a way to
keep the closed loop system poles in values specified by designer.
The certainty-equivalence principle is still used, since one admits
that the system parameters are unknown, but constant, or slowly time
varying. A digital simulation of a satellite is used with the
following characteristics: an almost polar orbit with approximately
500km altitude and subjected to environmental disturbances (gravity
gradient, aerodynamical torgues, solar radiation, etc.). A set of
on board sensors (Earth sensor, Sun sentor and gyrometers) is also
simulated. For an analysis of performance, the results are compared
with the specifications to be met by the Brazilian remote sensing
satellite that will be launched in the next decade.
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INTRODUCTION

The development of the microprocessor has triggered a
revolution in the field of automatic control. 014 results in the
theory of control, that were doomed to remain simple curiosities in
the text books, can now be implemented with the use of this device.
Besides that, a whole variety of new techniques has appeared to
take advantage of the microprocessor features. Taking into account
this, it is possible nowadays to design sophisticated attitude
control systems without compromising their reliability, weight and

energy requirements.

The present work is a part of series of studies that have
been carried or at INPE (Brazilian Institute for Space Research)
with the purpose of designing a microprocessor based controller for
the Brazilian Remote Sensing Satellite to be launched in the next
decade. The highly nonlinear satellite dynamics is considered to
be approximated by a simple multiple input - multiple output linear
system with unknow parameters. A controller is then designed
considering this linear system and its parameters are estimated by
the usual least sgquare method, with a variable forgetting factor to
compensate the effects of changing parameters, as proposed by
Fortescue et al. [1]. To check the performance of the controller,
a computer simulation of the real dynamics of the satellite and of
its sensors (Moro [2]) is used, and the sensor data is processed in
such a way to generate torques compatible with the commercially
available satellite actuators.

Ribeiro [3] has already dealt with the subject by using the
approach proposed by Borison [4], Koivo [5], Bayoumi et al.[6] for
a minimum phase system and a minimum covariance criterion. To deal
with the problem that may arise in the case of working with a
nonminimum phase system, a contrcller based on a pole placement
design proposed by Prager and Wellstead [7] is implemented with
good results.

AN OVERVIEW OF MULTIVARIABLE POLE-ASSIGNMENT SELF-TUNING REGULATORS
AND THEIR APPLICATION TO SATELLITE ATTITUDE CONTROL

The whole procedure to be used throughout this work is
presented in Prager and Wellstead [7]. The main steps in the design
will be quickly shown.
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First, it will be assumed that we are dealing with a plant
which is both controllable and observable, and which is modelled
by a difference equation:

(T+A(z"" Y]y, = z7*B(2"Y)u, + [T+C(2"}) e, (1)

where u, and y. are p-vectors defining the measurable system input
and output, respectively, and e, is a p-vector representing a zero-
-mean white noise process with covariance R. A(z™'), B(z™') and
C(z™!) are polynomial matrices in the backward shift operator z~'.
They are of the form:

X(z7)) =X, 27 4. 4%, 3T (2)
X

An offline design of the regulator starts with imposing to
the system a control law of the form:

u, = G(Z_l)ll+F-(z'1))"yt (3)
where

G(z™) =G, +6, 27+ .., + Gy 18
and

Plz™') =F, 271+ ...+p__27"f

The coefficient matrices Gy, 1=0,1,...,n, and F

3

i=1,2,...,n  are of dimension pxp.

p

The equation of the closed loop system becomes:
Ve = [T+F{z") 1T +P(2”) " [1+Ciz"})]e, (4)
where:

I+F(z7)) = [IT+A(z"N)][I+F(z"")]-2"% B(z"Y)G(z™") . (5)
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Choosing F(z™!) and G(z~!') in such way to have:

I+P(z7!) = [I+C(z"")][I+T(z™Y)] (6)
the closed-loop system becomes:

Yo = [I+P(z"N)]IT+T{z"!)] e, (7

Assuming I+ F(z~ !} and I+ T(z™}) relatively prime, the poles
of the system are given by I+ T(z~!) and are open to the designer's
choice,

The solution to (5) and (6) reguires solving the set of
simultaneous linear equations:

Fa " i
A, I Lo :
P ’ s
(n, +n, +k~1)p Aﬂa . -B, x G =
. : -B, ;
. “By, .
A -
L b Poy, ] Ghs
(np+k=1)p nap
FP1 ) _§1 ]
. Ana
= | - |0 (8)
P 0
L % _ - 2

In order to generate the control u it is necessary to use

tf
the fact that it is possible to find pxp matrices G(z™') andF(z™!)

such that:

Gz (I +F(z7Y)) = (T+F(z"'))G(z™") (9)
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Using (%) in {3), it results:

a, = (1+F(z71))7 Elz" Ny, (10)
and then:

w, = -F(z7') u +8(z7 ) y, (11)

For numerically calculating the coefficient matrices §;,
1i=0,40esn= and ?i, i=1,2,...,n: one needs to use the relations:

£ f
ny =n, (12)
ng = np (13)
Gy = Gy (14)
G; S il
L -
G2 S SIS Pl
]
Gl 63 : -F! :
- ] . =
‘nf+ng E GT1 . =I X Fg[ =
T - Vgl i . =
Gl‘lg 3 ' _an GZ
T ' iy . i
G ! ~F .
g : ng oo N
: -F
L Gng : ng I_Gng
= i
F G, G,
Fi Gy S
T T :
F_ g
= | "ng Vo - Gn, (15)
0 0
0 0

The offline design presupposes the knowledge of the matrix
polynomials A{z™'), B(z™!) and C(2”'). For the online design one
should start with the model:
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Ye = —a(z™')y, +8(z"Nu, +¢ (16)
where:

al(z™!) = a, z71 + ceetag z "a (7

B(z™') = B, 27 4 ...+ By, 2O (18)

The pxp matrix coefficients a;, B; are evaluated using
recursive least squares. The control law is defined by equation
(3), but F(z~') and G(z"'} are evaluated by solving:

[T+a(a ™)) (T+F(z7 ")) -B(z"")G(z"") =T +T(z™") (19)

As in the offline design the determinant [(I+T(z~')] specifies
the closed loop system poles. The procedure to be applied is the
following:

(i) At each iteration, estimate the parameters of matrix
polynomials a{z”') and 8(z”') in equations (16) using
recursive least squares.

(ii) Solve equation (22) using an equation similar to equation (8).

(iii) Obtain F(z™') and G(z™') by using an equation similar to (15)
.and get an expression.of the control law as in (10).

(iv) Calculate u, from the law obtained in step (iii).

APPLICATION OF SELF-TUNING REGULATOR THEORY TO SATELLITE CONTROL
The highly nonlinear satellite dynamics will be approximated
by the following linear model:

y(t) +A, y(t-1) +A, y(t-2) = B, u(t-2) +B, u(t-3) +e, , (20)

where:
y(t) = 3 dimension observation vector,
u(t) - 3 dimension torgue vector,
A;,By,i = 1,2 - 3x3 matrices.
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The control law to be implemented will be:
ult) = (G +6G,z” ") (I+F, 27" +F,272) 7" y(t) (21)

The matrix T(z~') to be the designers choice is of the
following form:

I+T(z7') = T,27  + 1,272+ T,z7 4T, 27° (22)

The formulas for calculating F(z™!), F(z™!) and G(z™!) are
respectively:

I 0 0 o0 ¥y T, A,y
Al I -Bl 0 Fa Tz - Az ‘23}
k: A: "‘Ba _Bl GQ TS D
0 A, 0 -B, G, L
Gy =G, (24)
T T T AT
G, 0 -1 F) P ¢ -6
T T L] =T o s RN |
Gy Gy ~F, F, ¥, & (25)
0 6T -rl &7 0

For the online identification of A;, B;, i=1,2
x(t=1) & [-yT(t=1), -yT(t-2), uT(t-2), u'(t-3))
O(t=1) A (A, | A, | B, | B,1T 4 10,,0,,0,]

are defined.

Using this notation, the equation to be used in the recursive
least square method becomes:

yi () = x(t=1) 0 (t-1) +e4(t) , i=1,2,3 . (26)
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The recursive estimate @1 of the parameters 8; is ‘calculated
at each step by applying the formulas:

8y (8) = B (t=-1) +K(t-1)]y; (£) = x(t-1) & (+-1)] , i =1,2,3
P(t-1) xT(t-1)
K(t-1) =
1+x(t-1) P(t-1) xT(t-1)
P(t) =’% {Plt-l}-K{t-l)[l-rx[t-l} P{t-1) xT(t-l}ij{t-l}}

where:
o is a forgetting factor that is obtained by using a method
presented by Fortescue et al.[l].

For defining the requirements of be met by the control
system, the following references systems should be defined (see
Figure 1):

i) Orbital System (Oxyz) - origin in the satellite center of
mass, y-axis perpendicular to the orbital plane, z-axis
pointing outwards from the orbital ellipse and x-axis
complementing the right -handed system.

ii) Mobile System (Mxyz) - origin in the satellite center of
mass and axis fixed in the satellite body.

1ii) Inertial Reference System (Ixyz) - an inertial reference
system translated to the satellite center of mass.

Figure 1. Orbital and inertial systems



" e gy B e

s BT b

RevBrMec. Rio de Janeiro. V. IX,n®* 1 - 1987 73

The goal of the control system is to coincide the orbital
system with the mobile system in steady state, what would imply that
the satellite, way axis is aligned with the Earth Center and,
consequently, the on board multispectral camera is correctly
positioned. The requirements at steady state should be:

a) the angles between the x-axis (DELX), the y-axis (DELY)} and the
z-axis (DELZ) of the mobile system and the corresponding axis of
the orbital system can not be more than 0.5°.

b) the angular velocities in the mobile system should be such that:
- 0.0065%/s < W, < 0.0065%/s ,
- 0.0065%/s < Wy, < 0.0065%/s ,
- 0.01°/s < W, < 0.01°/s .

The output y(t) is constructed making use of the on board
sensor observations (Sun sensor, Earth sensor and gyrometers) and
the Sun and Earth position data. With this piece of information
the rotation matrix between the orbital system and the mobile
system can be determined.

The mobile system should coincide with the orbital system
within a predetermined error, that is to say, the rotation matrix
should be as much as possible equal to the identity matrix.

The output y(t) is defined as:

y(t) = K, ¢E(t) + K, (w(t) -w.(t})

where y(t)e R’ is the output; K,, K, are 3x3 diagonal matrices with
positive elements; E(t) and ¢ are respectively the rotation versor
and the rotation angle associated with the rotation matrix;

w(t) -w_(t} is the angular velocity between the mobile system and
the orbital system measured in the mobile system. Ribeirc [3] has
shown that if in steady state the output y(t) is zero, then the
mobile system agrees with the orbital system.

SIMULATION RESULTS

For simulating the satellite dynamics and the sensor data,
the work developed by Moro [2] was used utilizing the satellite
TD-1A parameters (Tilgner [8]). Its moments of inertia are
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respectively I, =207 kgm?, I, = 225 kgm? and I, =kgm?. Gravity
gradient, aerodynamical drag and solar radiation were the
environmental torques considered, following the model proposed by
Carrara [10]. The constant K, and K, used in the output process
Y: were chosen respectively 1 and 20.

To verify the controller performance it was considered that
the satellite was in the process of attitude acquisition. Within
the imposed regquirements, the control system should be able to
acquire the correct attitude and keep it within bounds during
steady state. With this purpose, the angles DELX, DELY and DELZ
should be considered to have deviation in modulus of less than 15°
from the desired steady state attitude with [|w, ||, Hwy“
equal to 29/s in the worst case. Taking into account the experience
already achieved by other works (Ribeiro [3] and Ribeiro et al.[9],
it a sampling interval of 1 second and a matrix T(z™') with
coefficient matrices:

and ||w, ||

T, =-0.5IT, =T, =T, =29

were chosen:
The initial parameters to be used in equation (10) were:

The initial covariance matrix for the parameters was fixed
in 100 I, and £, = 0,05 was applied in dealing with the variable
forgeting factor.

Figure 2 to 7 show the behavior of DELX, DELY, DELZ, w, Wy

W respectively. For the sake of clarification, each figure is

p:e!ented with two different scales for showing the overall response
and the response near equilibrium at steady state. It can be
verified that the proposed controller keeps the angular deviations
and the angular velocities within the proposed bounds and reaches
steady state in a compatible time (less than 500 sec). The rotation

angle is also shown (Figure 8).

The variable forgetting factor evolution in time is shown in
Figure 9.
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Since there is a limitation in the amount of torgques that a
momentum exchange device can supply, it is important to check
whether the controller generates outputs within bounds. It was
considered that the satellite will be supplied with a maximum
torque capability of 2N.m per axis. Figure 10.a and b shows that
this limit is not exceeded by the designed controller.

TO complete the analysis the actual output (Figure 10) is
shown. It can be seen that, after the system has reached steady
state, the output consists of noise coming from the instruments for
measuring the attitude and the angular velocity.
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[10] Carrara, V. — Modelagem das forgas e torques atuantes nos saté
lites. Dissertagdo de Mestrado em Ciéncias Espaciais, S8o Jo

sé dos Campos, INPE, 1982 (INPE-2454-TDL/094).
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CONCLUSION

The proposed method of dealing with the attitude control has
shown a good effectiveness that allows the fulfilment of the
simulated mission requirements. The great versatility, the small
torques that are obtained, the fast velocity of convergence are
very good features observed in the tests.

1f this controller is compared with the one already proposed
by Ribeirc et al.[9], it can be verified that a greater overshoot
is obtained for all variables. This is the penalty for not using
an optimal procedure. But this disadvantage can be compensated by
the fact that the risk of dealing with monminimum phase systems is
avoided.
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NOTICIARIO

SEMINAR IN MACHINERY NOISE AND DIAGNOSTICS

This six-day seminar, taught by Professor Richard H. Lyon,
of M.I.T., will be offered the week of 10-15 August 1987,
in Cambridge, Massachusetts. The seminar teaches the design
principles for making machines operate more guietly, and
the use of vibration and acoustical signals to determine
faults in operating machines. Sources of noise and vibration
in machines, the transmission and radiation of acoustical
energy by the machine , and signal processing methods for
fault signature recovery will be covered in the lectures
and demonstrations. The text for the course is Professor

Lyon's new book, Machinery Noise and Diagnostics.

For further information contact:

Prof. R.H. Lyon, Rm., 3-366
Mass. Inst. of Technology
Cambridge, Mass. 02139 - USA
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